The use of magnetic bearing in industrial applications has increased due to their unique properties. Nowadays efficiency and predictability in handling rotors on magnetic bearings is asked with the same standard as conventional rotors on oil or roller bearings.
INTRODUCTION

Technical considerations in magnetic bearing design
The allowable rotor vibrations in magnetic bearing applications are limited e.g. due to small clearances, bearing capacity limits, limited driving torque when crossing critical speeds etc. and therefore have to be specified. Design specifications for the rotor damping and the location of critical speeds, such as API 617, can be used as guidelines. However, they do not cover all aspects. Basic questions in the case of any rotating machine design are /1/:
• Where are the critical speeds? Are critical speeds within the operating speed range? How many critical speeds must be crossed during the run up of the rotor? • What is the necessary damping of the natural modes of the rotor in order to ensure safe run up and operation? How can it be achieved? • What is the necessary stiffness of the bearing? How can it be achieved? These questions have higher significance in the magnetic bearing design, especially because of the limited specific bearing capacity. At low frequencies the capacity is around 0.3 -1 MPa, because of the magnetic saturation of the material. It is even further reduced at higher frequencies due to the limited voltage of the power amplifiers /2/,/7/. Excessive bearing loads lead to a contact of the rotor with the auxiliary bearings. Normally they are ball bearings or bushings with a low friction surface. Each contact wears them out more and more. That is why loads, which can occur during a rotor lifetime have to be considered very carefully in the design process.
An optimal damping is mandatory for any robust rotor design. In most applications the damping has to be provided by the bearing. In order to enable a magnetic bearing to do this, all natural modes, which must be well damped (normally all modes below the maximum operating speed), must be observable and controllable. Sufficient damping force must be provided by a controller design, which yields the appropriate amplitude and phase angle of the bearing transfer function. A damping characteristic is achieved for phase angles 0°< φ < 90°or -180°> φ > -270°(see fig. 1 , 3 and 6).
In some applications a sufficient stiffness force is also important e.g. to resist high fluid forces, which normally have very low frequencies. With speed the behaviour of a rotor may change due to gyroscopic effects or due to changes in the fluid forces. A robust controller design as presented in section 2 for the three different rotors must take all this into account.
Tools for the rotordynamic analyses
Software tools suited for the engineering of magnetic bearing applications must comprise a structural part describing the rotor (/3/, /4/, /5/) as well as a mechatronic part describing the magnetic bearing and the combined rotor bearing system. A relatively simple practical way of looking at the combined system is described in /9/. The necessary software capabilities are listed in the following.
• The structural part has to consider:
-Gyroscopic effects, -rotor fluid interaction, such as labyrinth induced excitations, -dynamics of flexible parts mounted on the rotor, such as disks, -flexibility of stator parts.
• The mechatronic part has to consider:
-Non-collocation of sensors and actuators, -magnetic pull (negative stiffness) of magnetic actuators, -digital controllers, taking into account the antialiasing filter, a time delay and the AD conversion, -characteristics of the hardware components of magnetic bearings (sensors and amplifiers), -separate sensors as well as separate controllers for displacement and velocity, -coupling of bearings and / or axes by means of controllers e.g. different controllers for tilting and translation rotor modes.
A comprehensive tool is illustrated in /1/ and /8/. It also includes a controller design part, which allows to create the transfer function with the required amplitude and phase by combining standard controller components e.g. modified PID controllers (see appendix), first and second order filters, all pass, notch and analogue Butterworth filters.
Typical engineering procedure
The major steps in the control design process are:
• Modelling the structural part in a similar way as in case of conventional bearings (see table 1 and 2 in the appendix).
• Studying the basic behaviour of the rotor, including the analyses of natural frequencies of the rotor at standstill and at speed for different bearing stiffness coefficients, as well as the analyses of the damping ratios (see appendix) of natural modes for different bearing damping coefficients.
• Define the requirements and / or determine the properties of the electronic hardware and software as listed in section 1.2.
• Design of the controller transfer function /7/, taking into account the basic behaviour of the rotor as well as the requirements of the application (section 2).
• Study the actual behaviour of the combined system in a closed loop analysis (/1/, section 3). This procedure is demonstrated in detail for three applications in the next sections.
ROTORS, APPLICATIONS REQUIREMENTS AND CONTROLLERS
The first step in the design procedure is to model the rotor structure and study its basic behaviour /4/. The main data of the three very different rotors are summarised in table 1 in the appendix. Table 2 in the appendix shows the dimensions, the mass and stiffness diameters, the locations of the supports (triangles) and the arrangement of the nodes. Also the concentrated masses and the flexible disk of the third rotor are visible.
The lower part of table 2 in the appendix shows the mode shapes of the free rotors at standstill, which will be important in the later controller design. The long vertical lines indicate the actuator locations and the shorter vertical lines the sensor locations. The natural frequencies and the range of the frequencies as the rotor starts rotating up to its maximum speed are listed above the mode shapes.
Rotor 1: Small high speed rotor
The first rotor is a very small spindle realised in a research project /1/. It rotates supercritically at the very high speed of 120000 rpm = 2000 cps.
• Basic behaviour of the rotor (table 2 in the appendix) The natural frequency of the free rotor's first bending mode is at 1714 Hz. In order to cross this mode considerable damping forces have to be provided by the bearings at an extremely high frequency.
• The electronic hard-and software Digital hardware is used to implement the controller. Due to the high frequency range of this small rotor the phase losses of the electronic components are quite important ( fig. 1, B) . At 1714 Hz they consist of the following components.
-The time delay is one period of the sampling rate, i.e. it is 96µs, which corresponds to 59 o . Within this time the A/D conversion as well as the signal processing takes place. -The zero order hold behaviour /6/ of the digital controller with a sampling rate of 10400 Hz adds another 30 o . -The amplifier i.e. the current controller has more than 45°. The magnetic bearings each have a negative stiffness of about 53000 N/m. The motor also has a negative stiffness in the same order of magnitude. Hence the stiffness of the bearings created by the controller should be at least around 2-3 10 5 N/m in order to safely compensate these negative stiffnesses.
• Design of the controller Due to the above mentioned phase losses it is impossible to damp the first bending mode with a phase angle above 0 o . This could only be achieved by a phase angle below -180 o . The transfer function of the bearings is shown in fig. 1 . Both bearings have the same function. The figure contains several curves, which demonstrate the influence of various effects. 1 Controller with its analogue transfer function digitally transformed by the "first order hold" (foh, /6/) method. This is how it is programmed in the processor. The foh method gives a good approximation to the analogue transfer function. The amplifier characteristic is also included and foh transformed as well. The curve is composed of the following elements: -A modified PID element (see the "base" function in the appendix) to damp the rigid body modes by phase lead (A). -A second order filter at 1100 Hz to lower the phase below -180°in order to damp the first bending mode at 1714 Hz (C). -A second order filter at 2200 Hz approximating the amplifier.
2 The controller and amplifier in their analogue form including an analogue antialiasing filter of first order at the frequency of 5200 Hz. This filter has almost no influence in the frequency range up to 2000 Hz. 3 The analogue form of the controller, amplifier and antialiasing filter (curve 2) plus the time delay of 96 µs, which lowers the phase angle significantly. 4 Curve 3 digitally transformed by the "zero order hold" (zoh, /6/) method. The transfer function including the zoh behaviour gives an additional phase loss. Curve 2 to 4 are only plotted for design purposes of the controller, to show the phase losses ( fig. 1, B) . The actual closed loop model is built by the digital bearing transfer function transformed by first order hold (thick solid curve 1) combined with the zoh transformed model of the rotor with the analogue antialiasing filter switched in series.
Fig. 1 Bearing Transfer Function of the High Speed Rotor
Rotor 2: Industrial turbo molecular pump (TMP)
The second rotor is an industrial turbo molecular pump. It runs at a maximum speed of 36000 rpm.
• Basic behaviour of the rotor (table 2 in the appendix) Due to the shape including the large disks with blades the ratio of the polar moment of inertia to the transverse moment of inertia is quite high (see table 1 in the appendix). Therefore the gyroscopic effect is quite extreme, as can be seen in fig. 2 . The forward tilting mode frequency rises with the speed from 0 to 250 Hz. Beside the rotor modes, blade modes between 600 and 800 Hz play a role, although they are not coupled with rotor modes to a high extent. However, in the testing phase it turned out, that they had to be considered in the controller design. In the theoretical model they are assumed as rigid. The first elastic rotor mode is at a frequency of 1200 Hz. B In order to provide damping at the frequency of the blade modes the phase has to be dropped rapidly below -180 o . This is achieved by a second order element in the denominator (phase lag element in the "base" function in the appendix), which has a frequency of 520 Hz. This has also the effect of reducing the amplitude C In order to provide damping for the rotor mode at 1200 Hz the fast phase loss, which would drop even below -360°is interrupted by a notch filter at 820 Hz.
Rotor 3: Large industrial centrifugal compressor
The third rotor is a large industrial multi-stage centrifugal compressor /8/. It is driven by a 23 MW variable speed synchronous electric motor, with a wide operating speed range from 600 rpm to 6300 rpm.
• Basic behaviour of the rotor (table 2 in the appendix) At low frequencies the rotor is exposed to considerable fluid forces. The first bending mode is at 64 Hz. Hence it is in the operating speed range and requires special attention. The frequency of the one nodal diameter vibration mode of the axial bearing disk is at 490 Hz. It had to be considered in the model for the controller design, since it strongly interacts with rotor modes. In the second and higher bending modes the flexible disk tilts more than a rigid disk would (see the mode shapes in table 2 in the appendix). This has the effect of considerably increasing the gyroscopic effect. In fig. 4 and 5 the natural frequencies are presented as a function of the bearing stiffness at different speeds for a rigid and a flexible disk. The comparison of both results show, that the frequency difference between forward and backward whirl as well as the frequency regions where the bearing has to provide damping increase considerably in case of the flexible disk. • The electronic hard-and software As in the previous cases, the controller is implemented on a digital system with a sampling rate of 10000 Hz. The phase losses due to the digitalisation and the hardware are considered, however, in this case they are not as important as in the previous cases, due to the lower frequencies.
The magnetic pull of the actuator, which has to be compensated by the controller, has a value of 1.57 10 7 N/m. • Design of the controller Figure 6 shows the magnetic bearing transfer function including the sensor, the antialiasing filter, the controller, the amplifier the actuator and the time delay.
Fig. 6 Bearing Transfer Function of the Large Industrial Centrifugal Compressor
Important features of the controller are: A To resist the high fluid forces at low frequencies the stiffness has to be above a certain limit. B In order to damp the rigid body modes, which are mostly affected by the destabilising labyrinth seal forces, the phase is increased by an extra filter at 18 Hz. C To prevent saturation of the amplifier the amplitudes at high frequencies are reduced with a second order low pass filter. The phase decreases below 0°, which yields a negative damping force for the second bending mode. However, this mode has a node slightly inside the outboard sensor. The deflections at the sensor and the actuator have reverse sign and thus the mode is slightly damped. At higher frequencies the bearing provides a damping force thanks to the phase angle below -180 o . The overall controller transfer function is an eighteenth order polynomial. It is designed by the bearing manufacturer using his own controller design software. To fully optimise the controller for this application the transfer function is synthesised with complex rather than simple poles and zeros. Digital controller hardware is essential to the implementation of this type of controller transfer function.
CLOSED LOOP BEHAVIOUR
Once a controller is designed considering the basic rotor behaviour and the application requirements, the actual behaviour of the combined system can be studied. The comparison between analysis and measurements can bring up possible deficiencies of the model. Often this helps to complete the model and thus improves iteratively the prediction and the behaviour of the final closed loop system. The degree of agreement between reality and prediction depends mainly on the complexity of the rotor e.g. shrunk parts, elasticity of parts mounted on the rotor, etc. and how accurate it can be modelled. A fine tuning after implementation of the controller may be necessary. In the following sections the calculated closed loop behaviour and the experimental verification of the analysis are presented for the three rotors: -First the calculated eigenvalues composed of the natural frequency (+ forward, -backward whirling) and the damping ratio of the combined rotor bearing system at standstill and nominal speed are listed for each case. The tables (3 -5) contain the eigenvalues, which can be assigned to the rotor. Besides that some eigenvalues are caused by controller poles, which interact with the rotor. This interaction can change their frequency and damping ratio. The eigenvalues caused by the controller with a damping ratio below 20% are also shown in the tables. -Second examples of the calculated and measured responses to force or unbalance excitation are given. In table 3 can be seen that the rigid modes are well damped. The first forward whirling bending mode at speed has a damping ratio of only 2.5 %. This has to be improved, among others by a higher gain. The higher gain can only be realised with a balance compensation system as the tests showed. At this moment such a system is being optimised. A speed of 1600 Hz has been reached.
Rotor 1: High speed rotor
Fig. 7 Measured and Calculated Responses at Standstill
The closed loop behaviour at standstill is confirmed by comparison of calculated and measured transfer functions with an excitation by the bearing. Figure 7 shows the response at the left sensor location to an excitation of 1 N at the left bearing. The resonance of the rotor's first bending at 1709 Hz as well as the frequency of the anti resonance agree well. The damping of the bending mode ≈ 6% is higher in the measurement. Possible reasons for this are the inner damping of the rotor and the external damping of the surrounding air. The modes within the speed range shown in table 4 are well damped. The higher modes are stable with low damping ratios.
Rotor 2, small industrial turbo molecular pump
For this rotor the behaviour is confirmed by a comparison of a calculated and measured transfer function. The resonances of the tilting mode as well as of the parallel mode are well visible. In addition, the measurement at 300 Hz shows the influence of the unbalance, which is not included in the load case of the calculation. In the region of 700 to 800 Hz the calculated curve deviates from the measured curve. This is probably due to elastic blade modes, which are not considered in the model. In table 5 all damping ratios of the modes below the maximum speed are very well damped. The first bending mode, which is within the operating speed range, has a damping ratio of 20%. This complies with the specification according to API 617 for compressors, although its application to compressors supported on magnetic bearings is controversial. Figure 9 shows the calculated and measured bearing response of the right bearing to an unbalance magnitude of G2, i.e. 3300 gmm are applied at the thrust disk and 2700 gmm at the coupling. This distribution yields a good excitation for the first bending mode. The maximum force below the maximum speed of 6300 rpm remains below the dynamic capacity of 20000 N peak-peak.
Rotor 3: Large industrial centrifugal compressor
The agreement between measurement and calculation is good. The calculated force at higher speeds, where the compressor never runs, increases due to the controller dominated pole at 130 Hz, which has a relatively low damping. Also the measured force remains at a high level up to maximum speed for the same reason. 
CONCLUSIONS
Efficiency and predictability in handling rotors on magnetic bearings is achieved by using a modern design tool (/1/ and /8/). The typical design procedure is presented. Its main steps are:
• The study of the mechanical part i.e. modelling the rotor structure and investigate it's basic behaviour.
• The study of the mechatronic part i.e. defining the requirements or determining the properties of the electronic hard-and software.
• The design of the controller i.e. generating the bearing transfer function considering the gain as well as the phase.
• The study and interpretation of the closed loop behaviour.
This procedure is iterative and needs engineering practice. Therefore the paper presents three applications.
• A very small high speed spindle running at a maximum speed of 120000 rpm, which is above the natural frequency of the free rotor's first bending mode at 1714 Hz. Because of this high speed, the phase losses of the electronic components and of the digitizing process are of special importance. • A small, industrial turbo molecular pump rotor running at a maximum speed of 36000 rpm. Due to its shape this rotor has a pronounced gyroscopic effect. For this reason the frequency range between the forward and backward tilting mode is widely spread from 0 to 320 Hz. Above that, elastic blade modes in the region of 600 to 800 Hz had to be considered for the controller design.
• A large industrial multi-stage centrifugal compressor with an operating speed range from 600 rpm to 6300 rpm. This rotor is subject to high fluid forces at low frequency, has its first bending mode within the operating speed and has a flexible axial bearing disk, which strongly interacts with the rotor modes and which played an important role for the controller design.
The result of the design process is the transfer function of the bearing controller and the prediction of the closed loop behaviour. The extent of predictability depends on the complexity of the rotor and how accurate it can be modelled. The accuracy also depends on tolerances, which play an important role, especially in case of the small rotors. However, a model always helps to accelerate and improve the design, even for cases where the theoretical model is not a complete representation of the reality. In some cases the final implementation of the controller may require a fine tuning.
For all three presented rotors a comparison of calculation and measurement has been carried out. The result can be summarised as follows: • For the high speed spindle the measured performance of the bearing is better than predicted. The higher damping ratio of the first bending mode is probably due to damping effects, which are not part of the model.
•
For the turbomolecular pump good agreement is achieved apart from elastic blade modes, which were not considered. They are rigidly modelled, since they did not seem to interact with the rotor. In this regard the model turned out to be insufficient.
For the industrial turbocompressor the theoretical prediction is very good, after the elasticity of the axial bearing disk has been taken into account.
APPENDIX Definition of the Damping Ratio
Base Function (MEDYN Function "base" /1/) The base function is a modified PID-controller. The function has the following structure:
phase lead / lag 1 phase lead / lag 2 integrator P-part 
